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Abstract:
Centrifugal compressors are used to supercharge the cathode air path of
fuel cell powertrains to increase efficiency and power density.
However, the turbomachine designer faces challenging application-specific
boundary conditions (i. e. speed-limit of the electric compressor drive and
oil-free air bearing system). Maximum overall efficiency can only be
achieved if the air compressor is properly matched to the fuel cell system.
Nevertheless, “off-the-shelf” compressors must oftentimes be used as an
application-specific design is not economically feasible.
The following article presents a simulation-based design approach for fuel
cell air compressors. Design specifications are derived from 1D fuel cell
system simulations. Compressor preliminary design is accomplished with
0D / 1D aerodynamic performance models, 3D CFD is used for stage geometry optimization. All design steps are integrated into a seamless software toolchain to accelerate the development process and reduce costs.
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1 Introduction
Compared to battery electric powertrains, polymer electrolyte membrane
fuel cell (PEM FC) powertrains offer the advantage of high energy density
and short refueling times. This makes them especially suitable for commercial vehicles (e. g. long-haul applications, public transport). However,
current challenges for mass market entry are system efficiency, life-time,
costs and fuel availability.
System efficiency and power density of a PEM FC powertrain can be significantly increased by supercharging the cathode air path. Electrically driven
radial compressors are predominantly used for this purpose, as they outperform other machine types (e. g. Roots- / screw-compressors) in terms
of efficiency, costs and acoustic behavior. As production volumes are still
comparatively low, only a limited budget is available for compressor development. Consequently, application-tailored design is oftentimes not
economically feasible and therefore omitted. In this article, a simulationdriven and highly integrated compressor design approach is introduced
which allows tailored compressor development for a respective FC system.
Compressor Design Process
The most prominent feature of the presented design approach is the holistic view on the PEM FC system. Only the close coupling between 1D system simulation and turbomachinery design can leverage the full potential
for efficiency optimization. The following flow chart gives an overview of
the compressor design process.
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Figure 1:

Fuel cell air compressor design process flow chart

First, the target application (vehicle class, weight, drive cycle, ...) and the
desired properties of the powertrain (rated power, efficiency, size, hybridization, …) are specified. With the help of fuel cell system and vehicle
simulations, these boundary conditions are translated into performance
requirements for the air compressor.
After successful derivation of these performance (map) requirements, the
compressor stage is designed. In the preliminary design phase, a suitable
initial machine geometry is found assessing a large number of candidate
designs under the defined boundary conditions. Promising designs are investigated further using 1D aerodynamic performance models. Final geometry optimization is achieved with computational fluid dynamics (CFD)
simulations and finite element analysis (FEA).
The selected design is validated experimentally. A prototype is investigated on a radial compressor test bench. Impeller drive torque and thrust
load are measured to verify aerodynamic efficiency and bearing specifications. Validation data is fed back to improve accuracy of the performance
models used for turbomachinery design.
Finally, joint FC system and compressor performance is assessed again. If
all objectives are met, the design process is completed.

2 Fuel Cell System Simulation
For a target-oriented compressor design, it is vital to understand the FC
system performance response on changing air mass flow rate, pressure,
and humidity. To achieve this, 1D component models for the PEM FC and
membrane humidifier are introduced in the following section.
An exemplary automotive PEM FC powertrain model is used to determine
the system efficiency optimal compressor operating range and consequently the compressor design specification.

2.1

Cell Model

Oftentimes, FC performance data (i. e. stack / cell polarization curves) is
only available for a narrow range of operating boundary conditions. Consequently, a cell model with physically based predictive capabilities is required for extrapolation purposes. Based on the work of [1], a numerical
cell model was derived in [2]. This model is introduced and extended in
the following subsection.
Governing Equations
The fuel cell is discretized in gas channel z and membrane electrode assembly (MEA) thickness direction x, as shown in the following figure:
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Figure 2:

Fuel cell model with discretization elements

Diffusion within the MEA is modeled using Fick’s first law [3] Due to the
scale difference between x- and z-direction (MEA thickness much smaller
than gas channel length), diffusion in z-direction is neglected. This leads
to the formulation for the diffusion molar flow rate of species i ṅi:
𝛿𝑐

Eq. 1

𝑛̇ i = −𝐷i ∇𝑐i = −𝐷i 𝛿𝑥i

For oxygen O2 and nitrogen N2, constant diffusion coefficients D are used
in the gas diffusion layers (GDL), catalyst layers (CL) and PEM, respectively. The water diffusion coefficient in the Nafion PEM DH2O,pem is modeled as
a function of water content λpem according to [4]:
𝐷H2 O,pem = 4.1 ∙ 10−10 (
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25

)

[1 + tanh (
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Eq. 2

Water content (number of water molecules nH2O per Nafion sulfonic end
group nH2SO3) on the PEM surfaces is determined by empirical water sorption isotherms taken e. g. from [5] or [6] reformulated in [4] as:
𝑀pem 𝑛H2 O
pem 𝑛H2 SO3

𝜆pem = 𝑐H2O,pem 𝜌
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Eq. 3

cH2O,pem is the volumetric water concentration, Mpem and ρpem are dry PEM
molar mass and density, respectively. The water content is assumed to be
in equilibrium with the effective relative humidity RH in the CL gas phase.
psd designates the water saturation pressure as a function of temperature

T, pH2O is the water partial pressure in the CL. Liquid water formation in
the GDL (cell flooding) can impair oxygen diffusion. Based on the work of
[7], the effective GDL oxygen diffusivity DO2,eff is described by:
1
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Eq. 4
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ε is the liquid water volume fraction within the GDL calculated according to
𝑉
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Eq. 5

, 𝜀≥0

Effective φ and dry φ0 porosity can be determined from the corresponding
volumes Vpor (GDL pores), Vw (liquid water), Vgdl (GDL bulk):
𝜑=

𝑉por −𝑉w
𝑉gdl

𝑉

Eq. 6
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gdl

Cell voltage Ucell is given as a function of local current density j = I / A (I:
current, A: cell cross section) by subtracting cell overpotential from the
cell open circuit voltage at standard conditions U0,th = 1.23 V:
𝑗
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Eq. 7

b represents the Tafel slope of the electrochemical reaction, i* is the exchange current density. The characteristic current density j* is dependent
on CCL proton conductivity σccl. Maximum current density jmax is given by
𝑗max =

4𝐹𝐷O2,eff 𝑐O2
𝑥gdl

Eq. 8

F denotes Faraday’s constant, xgdl and xccl are GDL and CCL thickness. Φ is
used to blend between the two solution regimes for j ≪ j * and j ≫ j *. A
detailed derivation of Eq. 7 is provided in [1]. Resistive overpotential is
determined by ohmic resistance RΩ of the GDL and bipolar plates (incl.
contact resistances) as well as PEM resistance Rpem [4].
Cell equipotential (∂Ucell / ∂z = 0) is assumed. Subject to this, Eq. 7 is
solved for j with (transient) or without (quasi-stationary) time resolution.
For general operating strategy optimization or simple drive cycle simulations, the quasi-stationary model is usually sufficient. For load step or water management analysis, the transient model formulation is required. Refer to [2] for details on the numerical solution scheme.
Model Calibration and Results
Very good agreement with experimental data was found over a broad op-

erating range. The polarization curves shown in the following figure are
derived from the validated model. As the validation data is taken from
FEV’s fuel cell vehicle benchmark programs, the absolute values are distorted by means of calibration parameter variation.
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Polarization curves under varying boundary conditions

Increased cathode stoichiometry λc results in higher oxygen concentration
cO2 in downstream channel elements. This raises the cell’s limiting current
density jmax,cell. Similarly, cO2 is increased for higher stack operating pressure resulting in lower cell overpotential over the entire current density
range. At the same time, increased pressure yields a higher relative humidity for a constant water molar fraction xH2O:
𝑅𝐻 =

𝑥H2 O 𝑝
𝑝sd (𝑇)

Eq. 9

Consequently, increased stack operating pressure can support membrane
humidification i. e. during part load operation, where low in-cell water
production might cause insufficient proton conductivity.
The influence of membrane humidification is further highlighted in the
right graph of Figure 3. If the inlet gas is dry (RH = 0), membrane conductivity is low and cell performance is poor. For increased inlet humidity,
cell performance is greatly improved in part load operation. At high current density operation, inlet humidity must be decreased to avoid oxygen
displacement by water vapor as well as liquid water formation and the
corresponding reduction of jmax according to Eq. 8. [8]

2.2

Humidifier Model

For vehicle applications, predominantly membrane humidifiers are used to
feed water from the stack exhaust flow to the stack inlet [9]. A simple 1D
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model as outlined in the following figure is used to predict membrane humidifier performance.

Humidifier model setup and water transfer

As for the cell model, humidifier dry and wet side are discretized along the
channel length z. Eq. 3 is used to predict membrane water uptake and diffusivity in x-direction. Surface boundary layer mass transfer ṅ’’H2O,dry/wet is
modeled as a function of the gas channel flow field as suggested in [10].
Membrane water molar flow density ṅ’’H2O,mem is governed by Eq. 1 and Eq.
4. The following figure shows membrane humidifier performance for constant dry and wet inlet relative humidities.
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Humidifier performance for constant inlet humidities

For increased air mass flow rate ṁL, dry side outlet humidity RHdry,out decreases as gas residence time in the humidifier and specific membrane

water uptake are reduced. Due to the resulting reduction of membrane
humidity, water diffusion rate is reduced. This further impairs dry side gas
humidification. For ṁL → 0, RHdry,out approaches RHwet,in (equilibrium state
at dry outlet / wet inlet). For increased pressure, RHdry,out raises as predicted by Eq. 9. Simultaneously, the water molar flow rate entering the
humidifier on the wet side is reduced. As a result, RHwet,out decreases even
for constant water transfer rates.

2.3

System Model

The following schematic gives an overview of the fuel cell system model
connecting the cell and humidifier component models to the cathode air
path.
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The stack is composed of ncell = 440 equal cells operating under equal
boundary conditions (temperature, pressure, flow rate, gas composition).
Stack voltage Ustack and power Pstack are calculated according to:
𝑈stack = 𝑛cell 𝑈cell , 𝑃stack = 𝑈stack 𝑗cell 𝐴cell

Eq. 10

Stack rated power is set at Pstack,max = 100 kW. The compressor is represented by a performance map lookup table. Compressor effective efficiency ηc,el is used to calculate the required electric power input Pc,el
𝜅−1

𝑝
𝑚̇l 𝑐p 𝑇0t ( 6t 𝜅 −1)

𝑃c,el =

𝑝0t

𝜂c,el

Eq. 11

As a function of air mass flow rate ṁL, heat capacity cp, ratio of specific
heats κ as well as total temperature Tt and pressure pt at compressor
stage inlet (0) and outlet (6).

Pressure losses in the system components and ducting are accounted for
by pipe friction and expansion loss models [11]. The gas temperatures at
intercooler and stack outlet depend on the capabilities of the cooling circuit and are imposed as functions of the stack operating point. An ideal
hydrogen supply is assumed (i. e. ideal pressure / stoichiometry control,
optimum humidification, constant anode nitrogen concentration, no purge
events, etc.). The stack current is controlled to supply the requested stack
power. Cathode operating pressure and stoichiometry are controlled by
the backpressure valve position and the compressor speed.
After initialization, the cell and humidifier model are solved recursively by
mutually imposing their thermodynamic interface data to the respective
component inlets until convergence for mass flow rate, pressure and gas
composition is reached.
2.3.1

Operating Strategy Optimization

In order to find the optimum compressor operating strategy for a given FC
system, the air compressor operating points (corr. mass flow rate ṁcorr
and pressure ratio Π) must be chosen to maximize system efficiency ηsys
𝜂sys =

𝑃stack −𝑃c,el
𝑃stack
𝜂stack

𝑤𝑖𝑡ℎ 𝜂stack = 𝑛

𝑈stack

Eq. 12

cells ∙𝑈0,th

for any stack power output Pstack. ηsys is calculated for varying compressor
operating points and different Pstack in a full-factorial Design of Experiments DoE approach. The results are showcased in the following figure.
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Not all operating points within the compressor map range are suitable to
reach the stack power target Ptarget. This can be attributed to:
1. Oxygen depletion:
Insufficient CCL oxygen concentration and corresponding reduction
of cell voltage and limiting current density.
2. Local cell dry-out:
Increased air mass flow rates lead to lower humidifier performance
(cf. Figure 5). Product water is removed from the cell more quickly
which further reduces water concentration and PEM conductivity.
No system efficiency is displayed for operating points with Pstack ≤Ptarget.
Similarly, operating points for which Pc,el exceeds Pstack (ηsys < 0) are excluded. For the remaining compressor map range ηsys is shown as contour
line plots.
Connecting the points of maximum system efficiency for each Pstack results
in the optimum compressor operating line. Compressor power rises from
Pc,el = 0.4 kW (Pstack = 10 kW) to Pc,el = 13 kW (Pstack = 100 kW).
For medium and high stack power levels, increased operating pressure
offers a higher efficiency benefit than increased cathode stoichiometry
(cf. Figure 3).To mitigate the effect of increased compressor power demand, cathode stoichiometry is reduced from λc = 2.4 (Pstack = 10 kW) to
λc = 1.6 (Pstack = 100 kW).
2.3.2

Component Size Variation

Proper matching of stack and humidifier is vital to maximize system efficiency. The FC system model allows for quick parameter studies to evaluate the effects of stack and humidifier sizing on system performance and
compressor operating line.
Stack Size Variation
The stack cell count is varied form ncell = 440 to ncell = 600. The results
are presented in the following figure.
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It becomes obvious, that maximum boost pressure and air mass flow rate
are reduced with increased stack size. However, the location of the optimum compressor operating lines within the compressor map stays roughly
constant. This can be explained as follows:
If ncell is increased for Pstack = const., jcell decreases according to Eq. 10.
Oxygen consumption is directly proportional to ncell ∙ jcell. As stack efficiency rises for decreasing jcell, overall air demand is reduced. Optimum cathode stoichiometry is approximately constant for all stack sizes. As highlighted in Figure 3, the marginal efficiency yield of operating pressure decreases for lower jcell. The optimum operating pressure for a given Pstack
decreases correspondingly.
For vehicle applications predominantly operated near rated power (e. g.
long-haul trucks, range-extenders, etc.) “over-sizing” of the stack can be
used to shift the load profile to FC operating points with higher stack efficiency. Added benefits are the reduced compressor power demand (better
system efficiency, electric motor can be sized smaller, cf. section 3.1) and
increased system lifetime [12].
Humidifier Size Variation
The following figure shows the results of a humidifier surface area Ahum
variation according to
𝐴∗hum = 𝐴hum 𝑓hum with 𝑓hum = 0.25 … 2.5
Stack size is kept constant at ncell = 440.

Eq. 13
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As highlighted by Eq. 9, higher operating pressure can be utilized to increase relative humidity and thereby improve cell performance. If the humidifier size is reduced, pressure levels must be significantly increased to
assure sufficient cell humidification. For increased humidifier size on the
other hand, excessive liquid water formation must be avoided. Accordingly, the optimum operating pressure is reduced and air mass flow rate is
increased to keep the stack inlet humidity at a constant level. System efficiency increases with humidifier size over the entire operating range. This
is attributed to the reduced compressor power as well as to a slight increase in stack efficiency.
It is worthy to note, that increased humidifier size and the corresponding
volume increase between compressor outlet and stack inlet (or backpressure valve, respectively) can lead to worsened transient control performance. Although model-predictive controllers, which take the filling behavior of the cathode air path into account, can alleviate this effect, excessive humidifier sizing should be avoided.
2.3.3

Stack Aging

Over the lifetime of a fuel cell various aging mechanisms occur: Catalyst
area is reduced due to agglomeration or detachment of catalyst material
from the MEA. Local membrane dry-out or oxygen depletion can cause
hot-spots and consequent PEM failures as local membrane resistance and
current density increase. Fuel contaminants can cause chemical catalyst
layer damage. [13]
As a result, the active cell area decreases and cell performance diminishes
ultimately resulting in reduced stack rated power. To counteract this ef-

fect, operating pressure and cathode stoichiometry can be increased. Figure 7 shows that a certain pressure level and mass flow rate are required
to reach stack rated power. This boundary is shifted to the upper right for
decreasing active cell area as highlighted in the following figure.
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At ncell = 440, active cell is varied according to
𝐴∗cell = 𝑓A 𝐴cell with 𝑓A = 1 … 0.8

Eq. 14

The minimum scaling factor fA = 0.8 was chosen to represent aged cell
performance in accordance with target lifetime criteria published by the
US Department of Energy (10 % cell voltage drop at jcell = 1…1.5 A/cm²
or 10% rated power drop) [14].
The optimum compressor operating line (fA = 1) must be extended to
reach Pstack = 100 kW under aged conditions. The FC system efficiency
contour lines shown for the aged FC system (fA = 0.8) indicate the direction of this extension.
If no information on aged stack performance is available, increasing compressor speed at constant machine flow parameter φM (cf. section 3.1) is a
feasible assumption. Accordingly, an additional speed margin (in addition
to the required altitude-margin) can be defined for the compressor and
the electric drive during the preliminary design phase.

3 Compressor Design
After successful specification of the compressor operating line, a suitable
compressor stage geometry must be found to achieve maximum efficiency
on that operating line.
To make application-tailored compressor development economically feasible for small production volumes, a high level of integration and automation in the design and optimization workflow is required. The following figure introduces the software toolchain used for compressor design.
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Compressor design and optimization toolchain

The in-house developed compressor design tool provides a graphical interface for manual and automated geometry alterations (e. g. diameters,
lengths, blade angle distributions, height and thickness profiles, etc.). Initial designs can be easily derived for specific design points using the integrated preliminary design rules (cf. section 3.1). Compressor map range
and efficiency can be assessed based on 1D performance model results
(cf. section 3.2). In addition, the tool provides passage throughflow calculation (quasi-3D inviscid flow simulation) and reverse-engineering features.
3D models of the stage geometry can be exported to commercial CAD,
FEA and CFD software packages for further design analysis and refinement
(cf. section 3.3). Using parametric CAD models, changes in the design tool
are directly reflected in the subsequent simulation environments without
additional setup effort. In an ongoing development step, an auxiliary programming interface will be provided to close the optimization loop between CFD and the design tool enabling fully automated geometry optimization.

3.1

Preliminary Design

Apart from high efficiency on the defined operating line, additional requirements must be satisfied by the air compressor unit. These boundary
conditions are quantified during the preliminary design phase as outlined
in the following figure.
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To initiate the design process, the optimum compressor operating line
(i. e. the operating point at FC system rated power) is required. If no preliminary information about expected compressor performance is available
(e. g. from prior design iterations or comparable systems), FC operating
strategy optimization is carried out under the assumption of constant
compressor effective efficiency
𝜂c,el ∈ [0.55 … 0.65]

Eq. 15

over the entire operating range. This way, an initial system design point
estimate can be determined. As discussed in section 2.3.3, a map range
reserve is required of assure proper operation of the aged FC system.
Considering these two requirements (design speed ndes, maximum speed
nmax with associated ṁcorr, and П), the preliminary compressor geometry
as well as the electric machine and air bearing can be specified as described in the following section. A 1D aerodynamic performance (meanline) model is used to estimate compressor isentropic efficiency ηs. Using
empirical bearing electric machine and inverter loss estimates, ηc,el is derived. The results are fed back into FC system optimization to refine the
compressor map requirements until convergence is achieved.
To assure proper transient operation, an additional iteration loop is required: Using real-world drive cycle data and hybrid strategy optimization
based on transient FC system simulations, the FC power demand and

power gradient distributions are derived. In conjunction with the optimum
compressor operating line, the required compressor speed gradients are
calculated. With an estimate for the polar inertia of the rotor assembly,
the electric machine torque required for transient operation can be determined. If necessary, the electric machine and compressor sizing are adjusted and the preliminary design steps are repeated until overall convergence is reached.
The following figure shows the rotor assembly of a typical direct drive air
foil bearing centrifugal compressor.
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Air foil bearing compressor rotor assembly with preliminary dimensions

The key preliminary design variable is the machine flow parameter φM
𝜑M =

𝑐M
𝑢2

=𝜌

4𝑚̇

Eq. 16

2 3
0t 𝑛𝜋 𝑑2

relating compressor mass flow rate ṁ, impeller circumferential speed u2,
rotational speed n and impeller diameter d2. ρ0t is the total density at
compressor inlet. The impeller tip flow parameter φ2 is defined in an analogous way:
𝜑2 =

𝑐m2

Eq. 17

𝑢2

cm2 specifies the meridional velocity at impeller outlet. Specific compressor
work input h12 can be estimated by:
ℎ12 =

𝑐u2
𝑢2

𝜑2

= 𝜎 + tan(𝛽 ) =
2

𝑦12
𝜂s

=

1

𝜅−1

𝑝
𝑐 𝑇 ( 6𝑡 𝜅
𝜂s 𝑝 0t 𝑝0𝑡

𝑃

− 1) = 𝑚̇c

c

Eq. 18

β2 is the trailing edge blade angle. The slip factor σ is modeled using relations from [15]. Estimating stage isentropic efficiency with empirical correlations (ηs = f(φM) from [16] and [17]), the stage total pressure ratio
Π = p6t / p0t can be determined. As the required stage pressure ratio is
known from FC operating strategy optimization, impeller diameter d2 and
speed n can subsequently be calculated.

Using empirical correlations for the impeller efficiency [16], the impeller
tip cross section can be sized. β2 is chosen to minimize diffuser losses estimated by means of the 1D performance model introduced in section 3.2.
Impeller inlet cross section and blade angle are selected to minimize impeller inlet relative velocity w1. An equivalent approach is presented in
[18].
It must be assured, that the allowable stress in the thrust air bearing disk
root (cf. Figure 13) is not exceeded. The thrust load capacity Fax,b of air
foil bearings can be approximated by [19]:
𝑑out −𝑑in

𝑤=
2

𝐹ax,b = 𝐷t π

2
𝑤𝑑m
𝑛

with

𝑑𝑚 =

2
𝑑out +𝑑in

Eq. 19

2
𝑁𝑠

𝐷𝑡 = 400 … 650 𝑚3
The bearing disk outer diameter dout is sized to support the impeller thrust
load Fax at maximum speed. Fax is estimated by the models introduced in
[20] using the preliminary impeller dimensions. Bearing load capacity is
verified over the entire system operating range as soon as a compressor
performance map estimate is available from the 1D performance model.
The electric machine imposes an additional speed limit. Based on data
taken from [21] and [22], the following trade-off between rated speed
nmax and rated power Plim can be derived for surface mount permanent
magnet synchronous machines (PMSM):
𝑃

𝑛

max
lim
5
ln ( kW
) = 4 (ln(𝑎) − ln (min
−1 )) with 𝑎 = 2.3 … 2.5 ∙ 10

Eq. 20

Based on preliminary design rules found e. g. in [23] and [24], the electric
machine rotor diameter dr and length lr can be estimated based on rated
motor torque Mlim according to
𝑃lim
2𝜋𝑛max

= 𝑀lim = 𝜎tan 𝜋

𝑑r2
2

Eq. 21

𝑙r

The maximum tangential stress in the air gap σtan is determined by current and magnetic flux density. For PMSM σtan = 30…50 kPa is a suitable
estimate. The rotor length-to-diameter ratio is assumed at lr/dr = 2. In
practice, it must be verified, that neither the bending critical speed (lr) nor
the maximum surface speed (dr) are exceeded. [24]
When selecting the electric machine rated power Pm,max, bearing losses Pfri
and acceleration power for transient operation Pa must be accounted for:
d𝑛

𝑃m,max = 𝑃c (𝑛max ) + 𝑃fri (𝑛max ) + 𝑃a with 𝑃a = 𝐽p (2𝜋)2 d𝑡 𝑛

Eq. 22

Pfri is estimated based on the bearing dimensions and empirical data acquired on a turbocharger friction loss test bench. Aerodynamic shear forces in the rotor air gap contributing to Pfri can be estimated using correlations e. g. presented in [25]. However, they are usually much smaller
than the bearing friction. The polar inertia of the rotor assembly Jp can be
calculated at this point, as all required dimensions are known.
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The following figure shows selected results of the predesign process for
varying compressor design speed.
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Preliminary compressor design results and speed selection
with electric machine boundary condition

In the presented case, the electric machine limits compressor speed to
nmax = 117 000 min-1.at Pm,max = Plim = 17.5 kW Deducting the speed
margin, this results in a maximum viable design speed of
ndes = 110 000 min-1. As indicated by ηs, ndes should be selected as high
as possible. Accordingly, impeller tip diameter is selected at d2 = 73 mm.
Compressor design point isentropic efficiency is estimated at ηs,des = 0.71.
After deduction of friction losses, mechanical efficiency can be estimated
at ηc,des = 0.59.

3.2

1D Performance Analysis

At the end of the preliminary design phase, the initial stage geometry is
fully defined. Aerodynamic performance is assessed and further geometry
refinements (i. e. blade channel and diffuser design) are investigated using the 1D performance model introduced in the subsequent section.
3.2.1

Model Setup

The 1D performance model is based on the work of [16], [17], [26], and
[27]. It features various adaptions to the impeller work input and loss

models as well as extensions to the numerical solution scheme contributed
by the author. The following figure lists the thermodynamic state points
evaluated by the model.
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Figure 15:

1D compressor model with relevant state points

The ideal gas law is used to describe the working fluid properties. Isentropic flow is assumed between stage inlet and impeller eye. Rothalpy
conversion is used to calculate the conditions in the impeller throat taking
bow shock, incidence, diffusion and choking losses into account. Empirical
correlations for blade loading, tip leakage and skin friction are used to determine losses in the impeller blade passage. Aerodynamic friction losses
on the impeller backdisk are estimated based on the work of [28]. Similar
to section 3.1, slip factor and tip flow distortion correlations are applied to
calculate impeller work input. Skin friction and expansion losses are considered when solving the conservation equations for mass, impulse, momentum and energy within the diffuser. Loss correlations introduced and
validated in [2] are employed in the volute.
3.2.2

Model Validation

The 1D performance model was validated using extensive 3D CFD simulations for varying compressor geometries (automotive turbochargers as
well as FC specific compressor designs). In the following figure an exemplary comparison between 3D CFD simulation and 1D performance model
results for a FC centrifugal compressor stage is shown.

CFD:

1D:

3.0

0.90
Impeller
Passage
Stage

Isentropic Efficiency / -

Total Pressure Ratio / -

3.5

2.5
2.0
1.5

1.0
0.02

0.04

0.06

0.08

0.10

0.12

Corr. Mass Flow Rate / kg/s

Figure 16:

0.85
0.80
0.75
0.70
0.65
0.60

0.55
0.02 0.04 0.06 0.08 0.10 0.12

Corr. Mass Flow Rate / kg/s

Comparison of 3D CFD simulation and 1D performance
model results

The 1D performance model shows good agreement with the 3D CFD simulation. Maximum relative pressure ratio deviation is 3 %, stage isentropic
efficiency is predicted with a maximum deviation of 4 %. The loss-split
between the different compressor components is predicted correctly, as
indicated by the good match for the impeller and passage (impeller and
diffuser) pressure ratios and efficiencies.
Due to the low tip blade height (b2 = 2,8 mm) of the design used for validation, 3D flow and associated velocity profile distortions at the impeller
trailing edge are less pronounced. For impeller geometries with higher b2
calibration of the work input coefficient may be required to assure good
predictive capability over the entire speed range.

3.3

Computational Fluid Dynamics

The preliminary design process and the 1D performance model provide a
sound compressor stage geometry and a corresponding performance estimate. Since the 1D model can only provide information about the approximate effect of changing main geometry parameters, 3D CFD simulations are indispensable for the final optimization of the gas path design.
3.3.1

Numerical Methods

Stationary 3D CFD simulations are performed using Siemens PLM
StarCCM+, version 2020.2 (15.04). Flow is modeled as an ideal gas employing a k-ε Lag elliptic blending Reynolds-averaged Navier Stokes turbulence model [29] which was found to provide the best agreement with experimental data compared to k-ω-SST or k-ε models. An unstructured pol-

yhedral mesh is used to resolve the compressor air path. Base size B is
set in dependence of impeller inlet diameter d1 at B = 0.02 d1 resulting in
an average cell count of nc = 7∙106. Special attention is paid to blade leading and trailing edge mesh refinements (incl. jet-wake region at diffuser
inlet) to ensure a good resolution of pressure and velocity gradients.
Boundary layers are fully resolved by 15 prism layers assuring a dimensionless wall distance y+ ≤ 2 over the entire operating range. The frozen
rotor approach is used to model impeller rotation. A stagnation boundary
is applied at compressor inlet.
The operating point is set by a porous baffle interface at stage outlet with
a downstream reference pressure boundary. This setup allows for high
numerical stability over the entire compressor operating range. Static
pressure drop across the porous baffle interface is given by
∆𝑝baffle = 𝜌6 (𝑎𝑐62 + 𝑏𝑐6 )

Eq. 23

The inertial a and viscous resistance b can be tuned to reach the desired
throttle curve using 1D performance model estimates for stage outlet density ρ6 and velocity c6.
Compressor performance is evaluated on planar sections up- and downstream of stage inlet and outlet, respectively. Total pressure pt is calculated as mass flow averaged value taking only the meridional velocity component (meridional Mach number Mm) into account:
𝑝t = 𝑝 (1 +

𝜅−1
2

𝜅
𝜅−1

2
𝑀m
)

Eq. 24

Only this way, a direct comparison to test bench data is possible as swirl
(i. e. at stage outlet) may lead to an overestimation of the dynamic pressure. Similarly, for the 1D performance model, the tangential velocity
component is assumed to be fully dissipated within the volute.
3.3.2

Geometry Optimization

To enhance the performance of the preliminary compressor design, geometry variants (candidate designs) are derived and evaluated. Here, a simple geometry parameter variation study is discussed. Candidate designs
are derived as follows:

𝑥⃗new = 𝑓⃗scale ∙ 𝑥⃗base

𝛽2
0.9 … 1.1
𝑑2
0.8 … 1.2
with 𝑥⃗ = 𝑏2 , 𝑓⃗scale = 0.75 … 1.5 ∙ 𝐼5
0.8 … 1.2
𝑑4
( 𝑏4 )
(0.75 … 1.5)

Eq. 25

In addition to impeller tip blade angle β2, diameter d2 and blade height b2,
diffuser discharge diameter d4 and gap height b4 are varied. xbase and xnew
designate the geometry parameter vectors of the preliminary and the
scaled candidate design, respectively. I5 is the 5-dimensional unit matrix.
The scaling factor fscale is varied in a full factorial DoE approach (feasible
only for small sample sizes) or by means of the differential evolution algorithm [30]. The listed scaling ranges were found to cover a reasonably
sized design space while assuring reliable 1D performance model results.
The impeller inlet diameter and leading edge blade angle are selected according to the preliminary design rules (zero incidence and minimization of
relative velocity, cf. section 3.1). The diffuser discharge flow angle is calculated and the volute is dimensioned, employing the constant angular
momentum law (cf. e. g. [16]). Compressor speed is adjusted to evaluate
stage isentropic efficiency in the design point with the 1D performance
model. The optimum scaling factor fopt is selected accordingly:
𝑓⃗opt = argmin 𝜂s (𝑚̇des , 𝛱des )

Eq. 26

𝑓⃗scale

The following figure shows the performance maps of the preliminary design (1D model results), the design optimized using the 1D model and the
design optimized within 3D CFD.
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Performance map estimates for preliminary and optimized
compressor designs

Throughout the design process, maximum compressor efficiency is increased by Δηs,max,prelim→opt3D = 4 %. Due to improved component matching, design point efficiency is increased by Δηs,des,prelim→opt3D = 4.4 %.

3.3.3

Impeller Tip Clearance Variation

Air foil bearings exhibit low specific stiffness compared to hydrodynamic or
ball bearings [19]. Therefore, sufficient impeller tip clearance is crucial to
avoid tip-to-housing contact during operation (i. e. axial shaft displacement due to impeller thrust load).
For the low blade heights at hand, the associated tip clearance losses can
have a significant impact on efficiency. To quantify this effect, a tip clearance variation was carried out for the optimized compressor design. The
results are presented in the following figure.
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Compressor efficiency for impeller tip clearance variation

Tip clearance was varied from the nominal value (ss = 0.25 mm) to
ss = 0.4 mm
and
ss = 0.1mm,
resulting
in
efficiency
changes
Δηs,max,0.25→0.4 = -2.2 % and Δηs,max,0.25→0.1 = +2.7 %.
Consequently, it is crucial to minimize tip clearance as far as possible
while ensuring ss > 0 for all conceivable operating points (including shaft
motion attributed by compressor surge, unbalance forces and external excitations).

4 Testing
To facilitate testing of the compressor stage, an electrically driven compressor test bench was set up at FEV. It is comprised of an electric drive,
a two stage transmission (belt drive and planetary gear set) and the test
bed to which the prototype compressor can be attached. The mobile assembly is installed within FEV’s hot gas test bench utilizing the available

conditioning, measurement and automation infrastructure. The following
figure shows the overall test bench setup.
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FEV radial compressor test bench

Maximum drive power at the compressor shaft is Pmax = 27 kW at a maximum speed of nmax = 120.000 min-1. Alternative transmission configurations can be used to extend this value up to nmax = 180.000 min-1.
Torque Sensor Telemetry
Due to the low machine flow parameter of FC air compressor designs (low
mass flow rates, large impeller and diffuser surface areas), diabatic effects
cannot be neglected (cf. [31]). Calculating compressor isentropic efficiency based on stage inlet- and outlet temperatures according to
𝜅−1

𝑝
𝑇0t ( 6t 𝜅 −1)

𝜂s =

𝑝0t

𝑇6t −𝑇0t

Eq. 27

can lead to significant deviations for varying thermal boundary conditions
(i. e. compressor / electric machine coolant temperature). For CFD model
validation, accurate information about the aerodynamic (adiabatic) compressor efficiency ηs,ad
𝜅−1

𝑝
𝑚̇c 𝑐p 𝑇0t ( 6t 𝜅 −1)

𝜂s,ad =

𝑝0t

2𝜋𝑛𝑀c

Eq. 28

is required. To measure compressor drive torque Mc, the sensor telemetry
system shown in the following figure was designed.
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The telemetry system consists of the sensor installed between planetary
gear set and compressor bearing as well as a corresponding (stationary)
base station.
Sensor power is supplied via tuned resonant inductor-capacitor (LC) circuits. Driver and receiver circuits were optimized using the simulation environment LTspice XVII provided by Analog Devices. To minimize component size, a resonant frequency of fres = 200 kHz was selected. As the inductor core material is stipulated by mechanical requirements, the resulting eddy current losses must be accepted. Apart from the shear strain
gauge full bridge, the sensor also houses the corresponding excitation
voltage reference, instrumentation amplifier, analog-to-digital converter
(ADC) and micro controller unit (MCU). The MCU digitally transmits the
measurement signal to the base station. Optionally, a resistive temperature sensor can be installed for integrated temperature compensation. The
sensor electronics are contained by a filament wound glass fiber reinforced
plastic sleeve to ensure good RF transmissivity. Maximum sample rate is
set to fsample = 50 s-1. Data validity checks and smoothing are performed
by the base station. The measurement signal is put out via analog
(Uout = 0…10 V) and digital (CAN-Bus / USB) interfaces.
For monitoring purposes, torque is also measured on the planetary drive
input (n ≤ 15.000 min-1). Here, a commercially available torque sensor is
used.
Bearing Friction Loss and Thrust Load Measurement
The torque measured by the telemetry system Msensor consists of the compressor drive torque Mc as well as the friction loss Mfri of the ball bearing
𝑀sensor = 𝑀c + 𝑀fri

Eq. 29

Especially at low compressor speeds, Mfri can significantly contribute to
Msensor and must therefore be taken into account when calculating ηs,ad.
FEV’s turbocharger friction test bench was used to determine Mfri for varying speed and thrust load. An empirical interpolation function is used to
derive a lookup table Mfri = f(n, Fax). During aerodynamic mapping, thrust
load is measured by means of a strain gauge half bridge attached to the
ball bearing cartridge fixation pin. This way, Mfri can be determined for
every compressor operating point and ηs,ad is corrected accordingly. Bearing oil temperature is set to Toil = 90 °C, to keep Mfri and the corresponding influence on ηs,ad as low as possible.
The diffuser backdisk is water-cooled to avoid excessive heat transfer to
the working fluid as for the investigated compressor designs, heat transfer
can have a significant effect on reduced compressor speed and mass flow
rate leading to noticeable differences in pressure ratio – an effect that can
usually be neglected for “normal” TC compressor designs.

5 Conclusion
In this article an integrated design process for the application-specific PEM
FC cathode air compressor was presented. Numerical models for the PEM
FC and the membrane humidifier were introduced. The component models
were integrated into a system model which was used to determine the
compressor performance requirements under varying boundary conditions. An appropriate compressor stage was designed under the boundary
conditions of the electric drive and air bearing system. The compressor
design was evaluated using the introduced 1D performance model and 3D
CFD simulations. The following insights can be gained:
Increased stack operating pressure and stoichiometry improve cell efficiency and power density. Additionally, higher operating pressure can assist PEM humidification. Cell humidity must be precisely controlled to avoid
membrane dry out or flooding.
A validated system model with predictive capability is required to determine the optimum compressor operating strategy. Increased stack size
can reduce cathode pressure / mass flow rate requirements and increase
system efficiency. Humidifier sizing directly impacts the system water balance which must be accounted for by the operating strategy (reduced
pressure, increased cathode stoichiometry). Cell ageing effects can be
mitigated by increased cathode pressure and mass flow rate.
The application-specific requirements of the FC system necessitate a tailored compressor design. Efficiency deficits resulting from low stage flow
coefficient operation (speed limit), can be partially compensated by impeller geometry optimization. Low blade tip clearance is vital for satisfactory

compressor performance. Here, advances in air foil bearing technology
(higher specific load capacity / stiffness) can facilitate efficiency gains.
Within 1D system simulation, the complex interaction of the individual
components can be evaluated in a profound manner. Coupling this with
the integrated compressor design toolchain developed by TME and FEV
makes the application-specific design of the cathode air supply economically feasible even for small production numbers. All powertrain components (including hydrogen supply, cooling system, power electronics, etc.)
can be optimally matched to the requirements of the overall system starting in early development phase.
The simulation tools used throughout the design process further aid in understanding the interaction between the FC subsystems and components.
This enables the compressor- FC system- or powertrain-manufacturer to
specify profound design targets. Mutual communication and cooperation
between the involved development partners is supported, the design process is accelerated and costs are reduced.
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